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ABSTRACT
In recent years, theoretical and experimental efforts have
transformed the conventional tilting-pad journal bearing (TPJB)
into a smart mechatronic machine element. The application of
electromechanical elements into rotating systems makes feasible
the generation of controllable forces over the rotor as a func-
tion of a suitable control signal. The servovalve input signal
and the radial injection pressure are the two main parameters re-
sponsible for dynamically modifying the journal oil film pressure
and generating active fluid film forces in controllable fluid film
bearings. Such fluid film forces, resulting from a strong coupling
between hydrodynamic, hydrostatic and controllable lubrication
regimes, can be used either to control or to excite rotor lateral vi-
brations. If non-invasive forces are generated via lubricant fluid
film, in situ parameter identification can be carried out, enabling
evaluation of the mechanical condition of the rotating machine.
Using the lubricant fluid film as a non-invasive calibrated
shaker is troublesome, once several transfer functions among
mechanical, hydraulic and electronic components become nec-
essary. In this framework the main original contribution of this
paper is to show experimentally that the knowledge about the
several transfer functions can be bypassed by using output-only
identification techniques. The manuscript links controllable (ac-
tive) lubrication techniques with operational modal analysis, al-
lowing for in-situ parameter identification in rotordynamics, i.e.
estimation of damping ratio and natural frequencies.
The experimental analysis is carried out on a rigid rotor-
level system supported by one single pair of pads. The estimation
of damping and natural frequencies is performed using classi-
cal experimental modal analysis (EMA) and operational modal
analysis (OMA). Very good agreements between the two experi-
mental approaches are found. Maximum values of the main in-
put parameters, namely servovalve voltage and radial injection
pressure, are experimentally found with the objective of defining
ranges of non-invasive perturbation forces.
INTRODUCTION
Controllable fluid film bearings (CFFBs) are designed
in a ”synergistic relationship” to different types of electro-
mechanical actuators [1–4]. For example, oil or water lubri-
cated bearings are normally connected to servovalves and hy-
draulic servo systems [5–7], while gas or air lubricated bearings
use piezoelectric actuators and pneumatic systems [8–10]. Di-
rect and indirect types of control action onto the rotating shaft
can be found. The control actuation influences four parame-
ters: either the bearing gap function h [11–14] and its geome-
try dh/dθ [15–17], or the fluid viscosity µ [18, 19], or the fluid
film pressure field p [20–22]. All four parameters are directly
and explicitly written inside the Reynolds equation and signifi-
cantly affect the static and dynamic interaction between rotating
parts (journal) and stationary parts (bearing surface) of the ma-
chines. The possibility of actively controlling the behaviour of
such parameters allows for engineering smart design solutions
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and significant performance improvements of the machines.
In the case of actively lubricated bearings (ALBs) – a spe-
cial variant of CFFBs where the fluid film pressure field is con-
trolled via servo-hydraulic or piezoelectric systems – the bear-
ings are intentionally designed to be able to operate convention-
ally, i.e. under hydrodynamic and aerodynamic lubrication con-
ditions; when enhancements of performance are desired, such
goals are achieved by well-tuned feedback control laws [21, 23].
Controllable fluid film bearing technology has a relatively short
history of about two decades [5–7, 12, 20]; it is in its infancy
in comparison to the active magnetic bearing technology. The
behaviour of CFFBs has been theoretically as well as experi-
mentally investigated mostly under controlled laboratorial con-
ditions, but slowly the technology is becoming mature towards
industrial applications [4,6,7,24,25]. The majority of the results
shown in the literature focus on vibration control [5–7], enhance-
ment of bearing damping properties [26], compensation of cross
coupling effects [27], enlargement of stability range of rigid [21]
and flexible rotors [24, 27], and compensation of thermal effects
[28–31]. The idea of using controllable fluid film bearings as
a ”non-invasive calibrated shaker” to aid rotordynamic testing –
similar to the usage of active magnetic bearings [32–36] – was
first mentioned in [4], preliminarily exploited in [37] and more
deeply investigated in [38]. In [38] the experimental characteri-
zation of the active fluid film forces were carried out in the fre-
quency domain using a pair of actively lubricated tilting-pads.
The application of ALBs as a calibrated shaker with the goal of
determining the frequency response function (FRF in m/N) of
a rotordynamic system was demonstrated. The supply pressure
and servovalve input signal are two key parameters which signifi-
cantly influence the rotor-journal bearing system dynamics. Indi-
cators based on the amplitude of coherence functions were found
and used to determine how small such ”non-invasive” active fluid
film forces should be to properly excite the rotor-journal bearing
system without changing its static and dynamic characteristics.
In terms of industrial and practical applications of ALBs as a
non-invasive testing device it would be very useful to bypass the
necessity of knowing precisely the transfer function between out-
put (active fluid film force applied to the rotor) and input (servo-
valve input signal) in N/V to use ALBs as a calibrated shaker to
perform rotordynamic tests.
Operational modal analysis (OMA) are widely applied in the
civil engineering area when modal parameter estimation of build-
ings and bridges is experimentally carried out due to the difficulty
of exciting large structures such as buildings and bridges. In the
past decade parameter identification procedures based solely on
the system dynamic response have rapidly developed and found
acceptance in several other areas of engineering, including me-
chanical engineering [39–41]. Such techniques have never been
used in connection with actively lubricated bearings.
In this framework, the original contribution of this work is to
link active lubrication techniques to OMA aiming at performing
rotordynamic tests and parameter identification via ALBs with-
out using the information about the applied fluid film forces. The
procedure is based only on the measurement of system response,
i.e. rotor lateral movement. Random signal with small amplitude
is though used as input to the servovalve. Consequently, small
pressure and flow changes are generated, leading to non-invasive
small fluid film forces. Non-invasive forces means forces able to
perturb the rotor-bearing system via fluid film without significant
changes to the original static equilibrium position of the journal
and without altering the system dynamics. The original contri-
bution of the work relies on a very extensive experimental cam-
paign, focused on the identification of modal parameters such as
damping ratio and natural frequency of a simple rotor-bearing
system. EMA and OMA are consistently compared throughout
the whole experimental campaign, using ALBs and a conven-
tional electromagnetic shaker as excitation sources. The results
obtained via the electromagnetic shaker are used as a benchmark
to validate the performance of ALBs as a non-invasive shaker.
TEST APPARATUS AND EXPERIMENTAL PROCE-
DURES
The experimental work is carried out by using the test appa-
ratus illustrated in Fig. 1. The indicated dashed box in red con-
tains the rotor-lever system under investigation. The operational
principle of the rotor-lever system is schematized in Fig. 2. The
two parallel arms 16 of the lever system and the rotor are consid-
ered as a single rigid body. The rotor is connected to the paral-
lel arms by means of a pair of conical roller bearings, which are
mounted inside the parallel arms at point O2. The rotor-lever sys-
tem is pivoted at the extremity O1 using two ball bearings. They
constrain five of the six possible degrees of freedom of the rigid
body and allow only rotational movements around point O1. The
whole system dynamics becomes restricted to a 2 dimensional
problem, where forces are applied to the middle and free extrem-
ity of the arms via a pair of actively-lubricated tilting-pads and
an electromagnetic shaker, respectively. The pair of tilting-pads
inside of the bearing housing constrains the amplitude of the arm
movements to very small angles. It means that small vertical dis-
placements of the rotor center – positioned in the middle of the
parallel arms – are assured. Static loads and electromagnetic dy-
namic forces are applied to the free extremity of the arm. It is
important to highlight that tilting-pad bearings have an insignif-
icant cross coupling effect between the vertical and horizontal
directions. Operation principle of the test rig takes advantage of
such a characteristic and all analyses are conducted in the vertical
direction, without loss of generality.
Fig. 1 illustrates the whole electro-mechanical system. The
driven system is composed of an AC motor and its frequency
converter 1 controlled by a control unit 2. The torque is trans-
mitted to the rotor by a belt. The rotor angular position and ve-
locity are measured by means of a tachometer 3 installed directly
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FIGURE 1: Photo of the test apparatus – the dashed box contains the rotor-lever system, which is schematized in Fig. 2. The components
of the test apparatus are: 1: AC motor and frequency converter, 2: Control unit for the frequency converter, 3: Tachometer, 4: Elec-
tromagnetic shaker, 5: Force transducer, 6: Amplifier for the force transducer, 7: Force transducer for the static load, 8: Displacment
sensor, 9 and 10: Accelerometers, 11 and 12: Amplifiers for the accelerometers, 13: Oil filter, 14: Servovalve, 15: Pressure sensor
(green wire), 16: Frame, 17: dSpace unit, 18: Amplifier for the electromagnetic shaker.
onto the rotor. Dynamic forces are applied to the arm extremity
by means of the electromagnetic shaker 4 and measured by the
force transducer 5 and its signal conditioner 6. Static loads are
also applied to the arm extremity and are measured by the force
transducer 7. The linear displacement sensor 8 detects the linear
vertical movements of the arm extremity in the rotor-lever sys-
tem middle plane. Two accelerometers 9 and 10 are attached to
the free extremity of the arm and used to measure linear vertical
accelerations of the arm extremity and verify that no undesired
tilting movement outside of the plane of interest occurs. The
acceleration signals are amplified by means of the signal condi-
tioner 11 and 12. The fluid film forces are applied to the rotor-
lever system in the middle of the arms. Oil pressure and flow
are generated by a hydraulic unit not shown in the picture. The
fluid lubricant flows through a filter 13 up to the high response
servovalve 14. The servovalve is connected to the pair of tilting-
pads by means of pipelines and is responsible for generating the
active fluid film forces on top of the hydrodynamic forces. The
controlled injection pressures in the pair of pads are measured by
pressure sensors installed inside of the pads 15.
During the experimental campaign random as well as har-
monic (chirp) signals are digitally generated on a PC computer
(not shown in the picture), sent to the D/A card 17 to supply the
power amplifier 18 of the electromagnetic shaker and the power
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FIGURE 2: Schematic of the test rig operational principle and
mechanical model.
amplifier of the servovalve (not shown in the picture). In order
to ensure the performance of ALBs as a ”non-invasive shaker”
while performing rotordynamic tests, the results obtained by
means of the actively-lubricated pair of pads are compared to
the results obtained by using the electromagnetic shaker coupled
to a force transducer. The results are summarized in the form of:
i) frequency response functions (FRFs); ii) waterfall diagrams;
iii) identified natural frequency; and iv) identified damping ratio.
The results i) to iv) are obtained when static load, rotor angu-
lar velocity, injection pressure and amplitude of servovalve input
signal are varied. Damping ratio and natural frequency are iden-
tified aided by classical EMA and OMA methods.
EMA and its algorithms for extracting modal parameters are
discussed throughout the literature [42]. Such algorithms have
their foundation in the knowledge of input (force) as well as out-
put (displacement or acceleration) signals, while OMA uses only
output signals. The Ibrahim time domain (ITD) algorithm in-
troduced by Ibrahim and Mikulcik [43] in 1977 is one of the
first algorithms developed for parameter estimation using multi-
ple outputs. A closely related algorithm is the eigensystem real-
ization algorithm (ERA) developed by Pappa et al. [44] and in-
troduced in 1985. The estimation of modal parameters based on
OMA algorithms demands computational power, and the rapid
development of computers stimulated the development of many
new algorithms in the nineties. One example is the stochastic
subspace identification (SSI) algorithm developed in this period.
SSI has gained acceptance since being formally introduced by
Overschee and Moor [45]. The SSI identification technique is
well known mainly because of its implementation in commer-
cial software such as ARTeMIS. Brincker et al. [46] also made
a significant contribution to the development of OMA by intro-
ducing the frequency domain decomposition (FDD) algorithm.
Many other algorithms are still being developed. In this work,
however, the algorithms ITD, SSI and FDD are used. During
the past decade such algorithms have been thoroughly validated,
numerically as well as experimentally.
For all measurements an acquisition frequency of fs =
2000 Hz is utilized. In order to ensure robust estimates of the
modal parameters the tests are performed using time intervals of
200 s. All three response signals (two accelerations and one dis-
placement) are used as an input to the OMA algorithms. The
correlation function is calculated and a triangular-flat-top win-
dow is applied in order to stabilise the ITD algorithm, which is
correlation-driven. The ITD algorithm identifies as many modal
parameters as signals sent to the algorithm. Consequently, with
three response signals used, three natural frequencies, damping
ratios, and mode shapes are identified. In the frequency range of
interest (50 - 200 Hz) only one pronounced natural frequency is
observed. Evidently, the ITD algorithm has an oversized model
of order two. The data-driven SSI technique is employed, i.e. the
response is fed directly into the algorithm. Based on a stabili-
sation diagram, which shows the modal order, the SSI algorithm
has been found to give good estimates with an oversized model
of order two. An oversizing is needed because the ITD and the
SSI algorithms do not include any noise modelling. The need
of an oversized model is especially important in the presence of
harmonic components (residual unbalance response). The spec-
tral density function is calculated with Welch averaging, 50% of
overlap and a Hanning window. The spectral density function is
arranged in a 3D matrix which is fed into the FDD algorithm.
The FDD algorithm transforms the spectral density function into
singular values, which are then plotted. The natural frequencies
of the system can be identified by means of the singular value
plot. An amplification of singular values indicates a natural fre-
quency. A frequency band around the selected natural frequency
is inverse Fourier transformed, and consequently, one obtains a
free decay which is fed into the ITD algorithm. The combina-
tion of the FDD algorithm with a time domain technique allows
for damping estimates and enhancement of the natural frequency
estimates.
Table 1 reports the main dimensions and geometrical prop-
erties of the rotor-bearing system investigated, followed by the
lubricant type used.
ROTOR-BEARING SYSTEM UNDER CONVENTIONAL
HYDRODYNAMIC LUBRICATION
The rotor-lever system operates initially under conventional
hydrodynamic lubrication. Seventeen angular velocities between
0 and 4,800 rpm (80 Hz) and three different load conditions
are used: i) 200 N (0.034 MPa); ii) 1400 N (0.24 MPa); and iii)
2800 N (0.48 MPa). For sake of briefness only experimental re-
sults (FRFs) under conditions ii) and iii) are presented in Figs.
3a and 3b. The electromagnetic shaker imposes dynamic pertur-
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Pad inner radius 49.923 mm
Journal radius 49.692 mm
Bearing axial length 100 mm
Preload factor 0.75 -
Number of pads 2 -
Pad arc 69 deg
Offset 0.5 -
Load Angle on pad -
Pad thickness 12 mm
Injection nozzle radius 3 mm
Injection nozzle length 10 mm
Oil type ISO VG22 -
Pad material Brass -
Pivot insert material Steel -
Oil temperature 35 ∼ 40 Celsius
TABLE 1: Test rig parameters and dimensions
bation forces in the frequency range 30 – 300 Hz. The illustration
of FRFs is shortened in the frequency range of interest, namely
between 50 and 200 Hz. The perturbation forces (input) are mea-
sured by the force transducer 5 and the vertical displacement of
the rotor is measured by the displacement sensor 8 (see Fig. 1).
At zero angular velocity and no fluid film formation the pad
pivot stiffness and the rotor-lever inertia define the system reso-
nance frequency around 130 Hz. The friction between the system
components defines the level of damping. By increasing the rotor
angular velocity from 0 to 2,400 rpm (40 Hz) the lubricant film
between rotor and pads is formed and a significant amount of
damping is introduced via hydrodynamic lubrication. This claim
is easily confirmed by analysing the reduction of the resonance
peaks around 130 Hz in the range from 0 to 2,400 rpm (40 Hz).
By further increasing the rotor angular velocity from 2,400 rpm
(40 Hz) to 4,800 rpm (80 Hz) a significant reduction of damping
is seen, as expected and predicted by the hydrodynamic theory.
Comparing the two waterfall diagrams illustrated in Figs. 3a and
3b one might conclude that the damping ratios in case ii) are
slightly higher than in case iii).
Figs. 4 and 5 illustrate the behaviour of the two identified
parameters, i.e. natural frequency and damping ratio, as a func-
tion of the angular velocity for the two load cases ii) and iii),
respectively. The identification procedure is carried out using
five approaches: a) EMA coupled to least squares algorithm; b)
OMA aided by ITD algorithm; c) OMA aided by SSI algorithm;
d) OMA aided by FDD algorithm; and e) mean values composed
of all four values. In case a) force and displacement signals are
used for the parameter identification while in cases b), c) and d)
only the three output signals (one displacement and two accel-
eration) are used. Comparing Fig. 4a and Fig. 5a the reduction
of the systems natural frequency as a function of the angular ve-
locity can be seen. In case ii) the natural frequency varies from
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(b) Static load of 2800 N (0.48 MPa).
FIGURE 3: Experimental FRFs in (m/N) as a function of the
rotor angular velocity and static load conditions: a) static load of
1400 N (0.24 MPa); b) static load of 2800 N (0.48 MPa).
132 Hz at very low speeds to 119 Hz at 4,800 rpm (80 Hz). In
case iii) it varies from 138 Hz at very low speeds to 128 Hz, a
more narrow range in comparison with case ii). Figs. 4b and 5b
depict the behaviour of the damping ratio as a function of the ro-
tor angular velocity for load cases ii) and iii). For load cases
ii) and iii) maximum damping ratio values of 0.15 and 0.125
are achieved at 2,400 rpm (40 Hz) and 1,800 rpm (30 Hz), re-
spectively. Good correspondence to the amplitudes of waterfall
diagrams in Fig. 3a and 3b are found, i.e. exactly at such angu-
lar velocities the rotor-lever system has its minimum vibration
amplitudes. All algorithms based on EMA as well as on OMA
identify the same behaviour for damping ratios as well as for
natural frequencies. The identified damping ratios for case ii)
are slightly higher than for case iii). For higher loads such as in
case iii), the rotor-lever system dynamics is more strongly influ-
enced by the pivot stiffness and it explains the slight reduction of
damping ratio values for this case in comparison to case ii). The
identified parameters presented in Figs. 4 and 5 will be used as
benchmark to validate the same parameters obtained via ALBs
5
as a non-invasive shaker in the next sections.
ROTOR-BEARING SYSTEM UNDER CONTROLLABLE
LUBRICATION
When the hydrostatic and the hydrodynamic lubrication are
simultaneously combined in a fluid film bearing, one refers to the
hybrid lubrication. While the hydrodynamic lubrication regime
is fundamentally driven by the journal angular velocity, the hy-
drostatic lubrication regime is driven by an external source of
pressurization, i.e. a high pressure pump. Orifices and pockets
are normally machined over the bearing surface and directly con-
nected to the high pressure unit by means of pipelines. The pair
of orifices is circumferentially machined around the bearing sur-
face, normally 180 degrees from each other. Through the orifices
the pressurized lubricant reaches the bearing gap, influences the
lubricant film pressure responsible for the separation of the rotat-
ing surface from the stationary one, and carries the journal loads.
When part of the hydrostatic pressure is dynamically modi-
fied by means of hydraulic servo systems, one refers to the con-
trollable lubrication. Such a lubrication regime is realized by
further including a servovalve between the high pressure unit and
a pair of orifices. Through the servovalve’s input signal the lu-
bricant pressure and flow through the pair of orifices are elec-
tronically modified, generating controllable lubricant film pres-
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FIGURE 4: Experimental behaviour of the natural frequency and
damping ratio as a function of the rotor angular velocity esti-
mated via EMA (least squares algorithm) and OMA (ITD, SSI
and FDD algorithms). Static load condition: 1400 N (0.24 MPa).
Dynamic perturbation: electromagnetic shaker.
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FIGURE 5: Experimental behaviour of the natural frequency and
damping ratio as a function of the rotor angular velocity esti-
mated via EMA (least square algorithm) and OMA (ITD, SSI
and FDD algorithms). Static load condition: 2800 N (0.48 MPa).
Dynamic perturbation: electromagnetic shaker.
sures and hence controllable forces. The controllable lubrica-
tion is regulated by a predefined input signal sent to the servo-
valve, which might not utilize any kind of feedback signal. When
displacement sensors are installed in order to detect the lateral
movements of the journal and their signals are used to build a
feedback control law for the servovalve input signal, one refers
to the active lubrication.
The rotor-lever system operates now under the controllable
lubrication regime, i.e. the hydrodynamic plus the hydrostatic
plus the controllable time-variant injection. Seventeen angular
velocities between 0 and 4,800 rpm (80 Hz) and three differ-
ent load conditions are used: i) 200 N (0.034 MPa); ii) 1400 N
(0.24 MPa); and iii) 2800 N (0.48 MPa). Once again, for sake
of brevity only experimental results (FRFs) under conditions ii)
and iii) are presented in Figs. 6a and 6b. The servovalve is fed
by a chirp input signal with maximum amplitude of 0.17 V and
a supply pressure of 15 bar (1.5 MPa), imposing dynamic fluid
film perturbation forces in the frequency range between 30 to
300 Hz. The illustration of FRFs is shortened in the frequency
range of interest, namely between 50 and 200 Hz and obtained
using the pressure sensor signal 15 as an input signal and the dis-
placement sensor signal 8 as an output signal (see Fig. 1). It is
important to highlight that Figs. 6a and 6b should be compared
to Figs. 3a and 3b with care. A direct quantitative comparison
between Fig. 6 and Fig. 3 is not straightforward, once the lo-
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cation of the excitations and the FRF units in m/N and m/bar
are different. Nevertheless, comparing them qualitatively, the vi-
bration amplification around the resonance range of 130 Hz is
clearly seen along the whole angular velocity range. Generally
speaking, the rotor-lever system under hybrid lubrication condi-
tions is slightly more damped than its conventionally lubricated
counterpart.
Figs. 7 and 8 illustrate the behaviour of the two identified
parameters, i.e. natural frequency and damping ratio, as a func-
tion of the angular velocity for the two load cases ii) and iii), re-
spectively. The identification procedure is carried out using four
approaches: a) EMA (FRF in (m/bar) coupled to least squares
algorithm; b) OMA aided by ITD algorithm; c) OMA aided by
SSI algorithm; and d) OMA aided by FDD algorithm. The mean
values obtained when the electromagnetic shaker perturbs the
rotor-lever system, is plotted and used as a benchmark. In case
a) pressure and displacement signals are used for the parameter
identification while in cases b), c) and d) only the three output
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50 70
90 110
130 150
170 190
0
20
40
60
80
0
1
2
·10−6
Frequency (Hz)
Ω (Hz)
|H
(F
)|(
m
/b
ar
)
(b) Static load of 2800 N (0.48 MPa)
FIGURE 6: Experimental FRFs in (m/bar) as a function of the
rotor angular velocity and static load conditions: a) static load of
1400 N (0.24 MPa); b) static load of 2800 N (0.48 MPa).
signals (one displacement and two acceleration) are used. When
comparing Fig. 7a and Fig. 8a the reduction of the systems nat-
ural frequency as a function of the angular velocity can be seen.
In case ii) the natural frequency varies from 140 Hz at very low
speeds to 120 Hz at 4,800 rpm (80 Hz). In case iii) it varies from
145 Hz at very low speeds to 130 Hz at 3,600 rpm (60 Hz), a more
narrow range in comparison to case ii). Comparing the identi-
fied natural frequency values using the electromagnetic shaker
and the ALB a clear correspondence is seen, especially for the
case ii). Increasing the static loading, i.e. case iii), deviations
are found, especially for the rotor angular velocities higher than
1,200 rpm (20 Hz). Nevertheless, the natural frequency trends
are the same. All algorithms based on EMA as well as on OMA
identify the same behaviour for the natural frequency.
Figs. 7b and 8b depict the behaviour of the damping ratio
as a function of the rotor angular velocity for cases ii) and iii),
respectively. For load cases ii) and iii) maximum damping ratio
values around 0.175 and 0.135 are achieved at 2,400 rpm (40 Hz)
and 1,800 rpm (30 Hz), respectively. All algorithms based on
EMA as well as on OMA identify the same behaviour for the
damping ratios. The identified damping ratios for case ii) are
slightly higher than for case iii), as expected. As mentioned be-
fore, for higher loads the rotor-lever system dynamics are more
strongly influenced by the pivot stiffness leading to a slight re-
duction of damping ratio values. Such a trend is seen when the
electromagnetic shaker (continuous line) as well as the ALB is
used as excitation devices.
ELECTROMAGNETIC SHAKER vs ALB – PARAMETER
STUDY AND STATISTICAL COMPARISON
An extensive experimental campaign of 51 dynamic tests
with the electromagnetic shaker, i.e. three static loading condi-
tions at 17 rotor angular velocities, is carried out. Based on this
campaign the mean values and 95% confidence intervals for the
natural frequency and damping ratio are calculated, aided by the
four different estimation algorithms based on EMA and OMA.
The results are fitted using quadratic functions and presented in
Fig. 9. The test campaign focuses on the effect of the hydrody-
namic lubrication on the system dynamics. Generally speaking,
the system damping ratio achieves its maximum value for static
loads around 1500 N and angular velocities around 2,400 rpm
(40 Hz). The systems natural frequency increases as a function
of the static loading and decreases as the rotor angular veloc-
ity increases. The behaviour of the parameter mean values as a
function of static load and rotor angular velocity are used as a
benchmark.
Based on another extensive experimental campaign of 51
dynamic tests with the ALB as a shaker, the mean values and
95% confidence intervals for the natural frequency and damp-
ing ratio are calculated, aided by the four different estimation
algorithms based on EMA and OMA. The results are also fit-
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FIGURE 7: Experimental behaviour of the natural frequency and
damping ratio as a function of the rotor angular velocity esti-
mated via EMA (least square algorithm) and OMA (ITD, SSI
and FDD algorithms). Static load condition: 1400 N (0.24 MPa).
Dynamic perturbation: ALB as an actuator.
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FIGURE 8: Experimental behaviour of the natural frequency and
damping ratio as a function of the rotor angular velocity esti-
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Dynamic perturbation: ALB as an actuator.
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FIGURE 9: Curve-fitted mean values of damping ratio and natu-
ral frequency with 95% confidence interval as a function of the
rotor angular velocity and static load. Dynamic perturbation:
electromagnetic shaker.
ted using quadratic functions and presented in Fig. 10. The be-
haviour of the modal parameters’ mean values as a function of
static load and rotor angular velocity follows benchmark values
very well. When the controllable lubrication system is turned on,
the dynamics of the original rotor-lever system slightly changes
towards a more damped system. Generally speaking, the sys-
tem damping ratio achieves its maximum value for static loads
around 2000 N instead of 1500 N and angular velocities around
2,700 rpm (45 Hz) instead of 2,400 rpm (40 Hz). Its maximum
mean value obtained that is aided by the ALB is approx. 0.14, a
relatively small variation when compared to the value of 0.12 ob-
tained with the help of the electromagnetic shaker (Fig. 9). The
systems natural frequency increases as a function of the static
loading and decreases as the rotor angular velocity increases, the
same trend obtained when the electromagnetic shaker is used.
Aided by the ALB the natural frequency mean value is found at
115 Hz while with the electromagnetic shaker it is 123 Hz. Co-
herence functions obtained with the help of the pressure sensor
inside of the pads (element 15) and the displacement sensor (el-
ement 8) are also presented for all 51 dynamic tests. The high
values of coherence, i.e. around 0.96, enssure the quality of the
measurement campaign.
The non-invasive perturbation forces generated by the ALB
are strongly dependent on two main parameters: the oil pressure
supply (ps) and the amplitude of the input signal sent to the ser-
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FIGURE 10: Curve-fitted mean values of damping ratio, natu-
ral frequency, and coherence with 95% confidence interval as a
function of the rotor angular velocity and static load. Dynamic
perturbation: ALB as an actuator.
vovalve. The input signal can be built by a constant value (DC)
added by an alternating value (AC). With the DC value the static
position of the servovalve piston is controlled, changing the pres-
sure and flow through ports A and B (see Fig. 2) and allowing
higher pressure and flow to one pad than to the other. In case of
generation of non-invasive perturbation forces, i.e. forces which
do not change the static equilibrium position of the journal, the
DC value can be advantageously exploited. The DC value can
be adjusted to reduce the injection of pressurized oil between
the rotor and lower pad, which bears the static load, avoiding
in this matter significant changes of the systems static equilib-
rium position. As a consequence of the adjustment of the DC
value, the fluid film force between rotor and upper pad will be
more significantly affected by the high injection pressure. The
fluid film forces between rotor and upper pad become the main
source of perturbation. On top of the DC value, the AC value of
the input signal (random or chirp) can be added and varied with
the aim of shaking the rotor-level system without altering its dy-
namics. Fig. 11 illustrates the influence of the three operational
parameters, namely supply pressure ps, DC and AC values of the
input signal, on the identification of damping ratio and natural
frequency. The results are obtained based on an exhaustive ex-
perimental campaign of over 50 tests using both EMA and OMA.
The experimental campaign is carefully designed to achieve 95%
confidence using the software JMP and statistical tools for design
of experiments [47]. Three values of static load (200 N, 1500 N
and 2800 N), 3 angular velocities (0, 2,400 rpm and 4,800 rpm),
4 values of supply pressure (5 bar, 10 bar, 25 bar and 50 bar), 4
DC (−0.45 V,−0.2 V, 0.2 V and 0.45 V) and 5 AC values (0.1 V,
0.2 V, 0.4 V, 0.6 V and 0.8 V) are used. The mean values of the
coherence function are also documented in Fig. 11 for all three
study cases to ensure the quality of the experimental campaign.
Fig. 11 is obtained when the rotor angular velocity is 2,400 rpm
(40 Hz) and the static load is 1500 N, i.e. the central values of
static load and angular velocity ranges (see Fig. 10).
As mentioned previously, the rotor-lever system under hy-
brid lubrication conditions is slightly more damped than its coun-
terpart conventionally lubricated. It means that the lower the
damping ratio identified via ALB the closer one might be to the
dynamics of the original system conventionally lubricated. Gen-
erally speaking, the application of ALB as a shaker leads to a
slight underestimation of natural frequencies, especially at high
angular velocities. With this information in mind, Fig. 11 can be
analysed:
• Influence of supply pressure – It can be inferred that low
values of supply pressure lead to slight overestimation of damp-
ing ratio followed by a significant reduction in coherence. Op-
timal values of supply pressure ps seem to exist around 25 bar,
where the mean values of identified damping ratio is 0.14 and of
the identified natural frequency 114 Hz. It is worth mentioning
the high value of coherence, i.e. 0.96, for such a value of supply
pressure.
• Influence of servovalve input signal (DC Values) –
Analysing the influence of the DC values on the identification
of the modal parameters, an optimal range between -0.45 V and
-0.20 V can be found. With values inside of this range good
parameter estimation is achieved, followed by high values of
coherence. Inside of this voltage range the perturbation forces
are fundamentally generated by the fluid film between the rotor
and upper pad (under light static load conditions). The fluid film
force between rotor and lower pad are kept almost unaltered. For
example, if −0.45 V is used with 25 bar supply pressure, the es-
timation of damping ratio leads to mean values around 0.12 and
natural frequency around 115 Hz, very close to the original sys-
tem parameters under conventional lubrication.
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• Influence of servovalve input signal (AC Values) –
Analysing the influence of the AC values on the estimation of
damping ratio and natural frequency, an optimal range between
0.2 V and 0.4 V can be found. With values inside of this range
good parameter estimation is achieved, followed by high values
of coherence. Inside of this voltage range the dynamic perturba-
tion force is still fundamentally generated by the fluid film forces
between the rotor and upper pad, if the DC values are inside of
the range between -0.45 V and -0.2 V.
It is worth emphasising that the information about the in-
put signals (force and pressure) is not used for the estimation of
damping ratio and natural frequency via ITD, SSI and FDD algo-
rithms. The input signals are only used to calculate the coherence
functions, to ensure the validity of claims and technically support
the conclusions presented in this work.
CONCLUSION & FUTURE ASPECTS
It is important to recall that the main goal of the work is to
link active lubrication techniques with output-only modal anal-
ysis techniques to perform rotordynamic tests in a non-invasive
way and bypassing any need for calibration of fluid film forces.
The servovalve input signal, both DC and AC levels, and the sup-
ply pressure are the main parameters responsible for the dynamic
modification of the journal pressure distribution, generating ac-
tive fluid film forces. Such active fluid film forces can be used
either to control, as extensively presented in the literature, or to
induce rotor vibrations in a controlled manner, as investigated in
the present work.
The rotor-bearing system under hybrid lubrication condi-
tions seems to be slightly more damped than its conventionally
(hydrodynamic) lubricated counterpart. Such a claim depends
of course on the levels of pressurization utilized. Comparisons
between the modal parameter estimations via electromagnetic
shaker and ALB linked to only-output identification techniques
lead to the conclusion that ALBs slightly underestimate the val-
ues of natural frequencies of the original system, especially at
higher rotor angular velocities, and slightly overestimate the val-
ues of damping ratio. Such slight deviations can be strongly
minimized by properly setting values of supply pressure and ser-
vovalve input signal, i.e. DC and AC levels. With the correct
choice of DC voltage ranges, non-invasive perturbation forces
can be generated between lightly loaded pads (upper pad) and
rotor, while the behaviour of the fluid film forces between heav-
ily loaded pads (lower pad) remains the same. It means such
perturbation forces introduce minor modifications to the static
equilibrium position of the journal. On top of the DC value, the
AC value of the input signal (random or chirp) can be added and
accordingly varied with the aim of shaking the rotor-level sys-
tem without altering the dynamics of the original system. ITD,
SSI and FDD algorithms are normally used with random signals.
During the extensive experimental campaign random as well as
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FIGURE 11: Curve-fitted mean values of damping ratio, natural
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tion of: a) the supply pressure; b) DC amplitude of the servovalve
input signal; and c) AC amplitude of the servovalve input signal.
Dynamic perturbation: ALB as an actuator.
harmonic (chirp) signals with different AC levels were tested.
Both types of signals used led to similar results. Nevertheless,
the utilization of harmonic chirp signals instead of random sig-
nals significantly accelerates the convergence of the numerical
algorithms to the correct values of damping ratios and natural
frequencies, simultaneously allowing for smaller and less exper-
imental data. One of the advantages of using electro-mechanical
machine elements, such as an electromagnetic shaker and an
ALB, is their versatility, allowing the utilization of all types of
signals, random as well as periodic.
The implementation of ALBs as actuators in current indus-
trial rotating machines is a relative simple task, if two sets of
(piping) channels are properly manufactured to interconnect the
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machine casting, the bearing housing, and the pair of tilting-
pads. This already implemented design solution is illustrated
and throughout discussed in [4, p.188]. Based on such a design
solution, the servovalves can be easily installed outside the ma-
chine casting, rendering the ALB systems compactness. The im-
plementation of ALBs demands additional devices, namely: i) a
high pressure pump; ii) a pair of high response servovalves; and
iii) a PC-computer with a signal acquisition card and an OMA
software. It is important to mention that sensing the lateral move-
ments of the shaft via eddy-current sensors is a normal practice
in many rotating machines and should not be considered as an
additional device.
After the exhaustive and thorough experimental campaign
one can conclude that the combination of active lubrication tech-
niques with operational modal analysis might aid the develop-
ment of novel techniques for performing rotordynamic tests in
rotating machines supported by fluid film bearings. Via non-
invasive fluid film forces the rotor-bearing system can be per-
turbed and the modal parameters of the original system accu-
rately estimated. In the near future the novel technique will be
tested using a flexible rotor [48] supported by actively-lubricated
tilting-pad bearing with the aim of estimating not only natural
frequency and damping ratio but also the mode shapes of the
rotor-bearing system.
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